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Abstract

Gas-to-wall heat transfer configuration for a round air jet impinging on a circular flat plate is investigated experimentally to derive an average
Nusselt number correlation. The impingement plate is placed at the bottom of a large adiabatic enclosure, and its temperature is imposed, by
external circulation of a coolant. The simultaneous measurements of mass flow rate and characteristic temperatures (hot jet, cold wall, enclosure
outlet) permit the determination of the average wall heat transfer coefficient, through an enthalpic balance of the enclosure. The jet Reynolds
number, nozzle diameter D and nozzle-to-plate distance H are varied. These experimental measurements are compared with the results of a
numerical CFD modelling. Simulations under constant wall heat flux conditions are compared to local Nusselt number distributions as given by
the current literature, which validates the use of the Shear Stress Transport (SST) k–ω turbulence model for this problem. Simulated Nusselt
numbers obtained at a constant wall temperature are found lower than under uniform heat flux conditions. Measurements and simulation results,
at a constant wall temperature, are in good agreement. An average Nusselt number correlation is proposed for jet impingement heat transfer
calculations under constant wall temperature conditions, as a function of the jet Reynolds number Rej (10 000 � Rej � 30 000), the geometrical
parameters R/D, H/D (3 � R/D � 10; 2 � H/D � 6), and the dimensionless viscosity ratio μj/μw (1.1 � μj/μw � 1.4).
© 2008 Elsevier Masson SAS. All rights reserved.
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1. Introduction

Wall impinging jet flows are widely used in engineering ap-
plications due to their high heat transfer performances. These
configurations are encountered in many industrial areas where
an efficient heat transfer is needed, in particular for air blast
cooling of electronic components or turbine blades and drying
applications. Jet cooling is used in various geometrical configu-
rations implementing either a single injector or several parallel
jets generated by a multiperforated plate. It can also be asso-
ciated with a tangential sweeping flow parallel to the cooled
surface. This convective heat transfer configuration is used for
its high local transfer coefficients nearby the stagnation point.
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Accordingly, the current literature mainly reports jet impinge-
ment configurations on circular plane plates with R/D � 5
where R/D is the ratio of the plate radius R to the injection
diameter D.

Applications can be separated in two categories: heat-
ing/cooling configurations either at a constant wall temperature
(quench cooling) or at a uniform wall heat flux (electronic com-
ponents cooling). In this research field a lot of work has been
already done including theoretical approaches, experimental in-
vestigations or numerical simulations. It is remarkable that the
majority of the experiments reported in the literature refers to
uniform wall heat flux configurations. Probably, this is due to
the experimental methodology based on infra-red thermogra-
phy, widely used for heat transfer characterisation and involving
an electrically heated plate impacted by a cooling jet, permitting
the plate surface temperature field measurement, from which
the local heat transfer coefficients can be determined [1–5].
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Nomenclature

Cp specific heat . . . . . . . . . . . . . . . . . . . . . . . J kg−1 K−1

D nozzle diameter . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
Dv diameter of the enclosure . . . . . . . . . . . . . . . . . . . . m
Dω cross-diffusion term . . . . . . . . . . . . . . . . kg m−3 s−2

e nozzle thickness . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
es specific total energy . . . . . . . . . . . . . . . . . . . . J kg−1

Gk production term of turbulent kinetic
energy . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−1 s−3

Gω production term of specific dissipation
rate . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−3 s−2

H nozzle-to-plate distance . . . . . . . . . . . . . . . . . . . . . m
h local heat transfer coefficient . . . . . . . W m−2 K−1

h̄ average heat transfer coefficient . . . . . W m−2 K−1

hs specific enthalpy . . . . . . . . . . . . . . . . . . . . . . . J kg−1

k turbulent specific kinetic energy . . . . . . . . . m2 s−2

ṁg gas mass flow rate . . . . . . . . . . . . . . . . . . . . . . kg s−1

Nu Nusselt number . . . . . . . . . . . . . . . . . . . . . . . . . . . . (–)
Nuϕ local Nusselt number at a constant wall heat

flux . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . (–)
NuT local Nusselt number at a constant wall

temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . (–)
Nuϕ average Nusselt number at a constant wall heat

flux . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . (–)
NuT average Nusselt number at a constant wall

temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . (–)
p static pressure . . . . . . . . . . . . . . . . . . . . . . . . . . . . . Pa
Pr Prandtl number . . . . . . . . . . . . . . . . . . . . . . . . . . . . (–)
Qv air flow rate . . . . . . . . . . . . . . . . . . . . . . . . . . m−3 s−1

R plate radius . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
r radial coordinate . . . . . . . . . . . . . . . . . . . . . . . . . . . m
Rej jet Reynolds number . . . . . . . . . . . . . . . . . . . . . . . (–)
T temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . K

Tu turbulence intensity . . . . . . . . . . . . . . . . . . . . . . . . . %
ui, uj velocity components . . . . . . . . . . . . . . . . . . . . m s−1

Uj average gas velocity at nozzle exit . . . . . . . . m s−1

v velocity . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m s−1

x nozzle chamfer thickness . . . . . . . . . . . . . . . . . . . . m
Yk dissipation term of specific turbulent kinetic

energy . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−1 s−3

Yω dissipation term of specific dissipation
rate . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−3 s−2

z vertical distance from the nozzle exit . . . . . . . . . m

Greek symbols

α,β, γ non-dimensional constants in Eq. (10) . . . . . . . (–)
Φ heat flux W

Γk effective diffusivities of k . . . . . . . . . . kg m−1 s−1

Γω effective diffusivities of ω . . . . . . . . . . kg m−1 s−1

ϕ heat flux density . . . . . . . . . . . . . . . . . . . . . . . W m−2

λ thermal conductivity . . . . . . . . . . . . . . . W m−1 K−1

μ dynamic viscosity . . . . . . . . . . . . . . . . . . kg m−1 s−1

ρ density . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−3

ω specific dissipation rate . . . . . . . . . . . . . . . . . . . . s−1

Subscripts

aw adiabatic
eff effective
exp experimental
g gas
j jet
o outlet
t turbulent
w wall
∞ free-stream conditions
In using this experimental procedure an uncertainty on the
gas/wall heat transfer coefficient definition results from the lack
of reference temperature. Under constant flux conditions it is
common to introduce an adiabatic wall temperature which de-
fines the local heat transfer coefficient as:

h = ϕ/(Tw − Taw) (1)

where ϕ is the convective wall flux density, Tw the wall temper-
ature and Taw the adiabatic wall temperature obtained without
cooling or heating the plate [2]. The associated local Nusselt
number at a constant wall heat flux is noted as Nuϕ .

In an imposed temperature approach two reference temper-
atures have to be fixed: the jet temperature Tj and the wall
temperature Tw . Under these conditions, the convective flux
density is written as:

ϕ = h(Tj − Tw) (2)

and the corresponding local Nusselt number NuT (r) can be de-
fined as:

NuT (r) = h(r)D/λg (3)
with h(r) the local convective heat transfer coefficient, D the
nozzle diameter, and λg the gas thermal conductivity. Thus, the
heat flux Φ(R) on a circular plate of radius R is written as:

Φ(R) =
R∫

0

ϕ(r)2πr dr (4)

The average convective wall heat transfer coefficient is con-
sequently defined as:

h(R) = 1

πR2

Φ(R)

Tj − Tw

(5)

and the corresponding average Nusselt number as:

NuT (R) = h(R)D

λg

(6)

Finally a jet Reynolds number based on the nozzle outlet con-
ditions can be defined as:

Rej = ρgUjD = 4ṁg
(7)
μg μgπD
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with ṁg the imposed gas mass flow rate, Uj the jet average
velocity at the nozzle exit, μg the gas dynamic viscosity, ρg

its density, evaluated at the jet temperature. Furthermore, the
nozzle-to-plate distance is taken into account [1] by using a di-
mensionless parameter H/D which is the ratio of the distance
H between the nozzle and the impacted wall to the nozzle diam-
eter D. The dimensionless radial position on the plate is noted
as r/D.

The effect of turbulence intensity in the free stream jet im-
pinging on a wall has been identified [6] as a parameter in-
fluencing the forced convective heat transfer at the stagnation
point. However, this turbulence intensity Tu is measured along
the centerline of the free jet without the impingement plate. For
the high values of H/D (between 2 and 6) used in this study, it
seems more relevant to introduce the turbulence intensity at the
nozzle exit, equivalent for both free and impacting jet configu-
rations.

The present work is based on experimental measurements
of gas-to-wall heat transfer, as a function of the jet Reynolds
number Rej , geometrical parameters H/D and R/D, for 3 �
R/D � 10 and 2 � H/D � 6, at a uniform wall temperature,
with an experimental turbulence intensity at the nozzle exit
varying between 4.3 and 7.3%. From these results, we propose
an average Nusselt number correlation, which is compared with
a numerical CFD modelling. This numerical study is carried out
with a Shear Stress Transport (SST) k–ω turbulence model.

2. Experimental setup and methodology

The experimental setup implementing a hot gas jet impact-
ing on a cold wall is presented schematically in Fig. 1. The
radius of the impacted circular plate is R = 24 mm. The jet en-
ters into a PMMA cylindrical vessel with a thickness of 3 mm,
height of 200 mm and an inner diameter Dv = 154 mm. The
enclosure/plate radius ratio is 3.2 which minimises any possi-
ble jet confinement effects. The enclosure gas outlet consists
in a 33 mm diameter tube located on the top of the enclo-
sure (Fig. 1). The large values of the enclosure diameter and
height make it possible to consider the impinging flow as axi-
symmetric.

In this experimentation, the steady heat flux Φ exchanged
between the jet and the plate is determined by a heat balance be-
tween the inlet and outlet of the enclosure. In this setup the heat
losses have been minimised: the average temperature inside the
vessel is close to the ambient temperature. Moreover, the low
conductivity plastic enclosure is glass wool insulated. Finally,
the upper part of the water cooled block acting as the impacted
plate (Fig. 1) is contactless flush-mounted with the enclosure
bottom to avoid cold bridges. This procedure permits to con-
sider the enclosure as adiabatic under the test conditions. This
was checked by replacing the cooling impinging block by an
insulant wall, and by measuring the gas temperature variation
between the inlet and outlet of the enclosure. This variation al-
ways remained lower than the temperature measurement error.

By increasing r/D the free convection effects have a grow-
ing relative magnitude compared to the forced convection. This
is due to the reduction of the local forced convection heat trans-
fer coefficients while the distance from the stagnation point in-
creases. The chosen configuration of a downwards flowing hot
gas jet onto a cold plate has a positive vertical temperature sur-
face gradient which limits detrimental free convection effects,
currently observed in conventional experimental arrangements
using electrically heated plates.
Fig. 1. Schematic of the experimental setup.
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The gas flows through a 200 mm long thermally insulated
pipe with a large inner diameter (17 mm) in order to minimise
the pressure drop of the injection device, and to obtain a fully
developed flow at the nozzle inlet. This tube ends in an inter-
changeable nozzle that allows a variation of the ratio R/D. The
nozzle restriction geometry accelerates the flow, thus generat-
ing a flat velocity profile. The nozzle diameter varies between
2.4 and 8 mm, with a constant thickness e = 2 mm (Fig. 1), with
a pressure drop limited by a 45◦ angle chamfer, with a cham-
fer thickness x = 1 mm (Fig. 1). Furthermore, the change of
the nozzle-to-plate distance permits the adjustment of the H/D

parameter.
The jet Reynolds number Rej is fixed by adjusting the gas

flow rate. For a given nozzle, this flow rate is measured using
a double hot wire anemometer (TSI 4040) which is coupled
with pressure and temperature measurements to determine the
gas mass flow rate. The hot jet temperature Tj and gas outlet
temperature To are measured with type K thermocouples, re-
spectively located close to the nozzle and at the gas enclosure
exit.

Velocity and turbulence intensity measurements at the noz-
zle exit were carried out using a Dantec, two components, LDA
system, in a free jet configuration, where the enclosure and im-
pingement plate were removed.

A controlled air flow rate is supplied by a compressed air
unit, de-oiled, dried, and heated in a coaxial exchanger ensur-
ing a stable jet temperature. During the experiments the gas jet
temperature Tj was fixed between 40 and 65 ◦C depending on
the Reynolds number. In the operating conditions of this study,
the heat flux exchanged between the hot jet and the cold plate
varied between 10 and 60 W.

The temperature of the cooled block supporting the impinge-
ment plate (Fig. 1) is fixed by an internal water circulation.
A high flow rate of a cooling fluid with a regulated temper-
ature (refrigerating unit Huber 4 kW, −55/+100 ◦C, stability:
0.02 ◦C) is used to maintain a fixed and uniform temperature
on the impingement plate. Thus, under test conditions, the ex-
tracted heat flux remained lower than 1.5% of the cryostat
capacity. The impinging surface is an aluminum plate (thick-
ness 3 mm, conductivity 210 W m−1 K−1). Two thermocouples
(Fig. 1) are inserted one millimetre under the impact surface,
below the stagnation point and at the plate border. Measure-
ments given by these thermocouples confirmed the surface tem-
perature uniformity, with a maximum temperature deviation of
approximately 0.5◦ between the stagnation point and the plate
border. A correction taking into account the conductive resis-
tance of the plate is used to determine the effective wall surface
temperature Tw . Due to the low thermal resistance of the cooled
plate this correction remains lower than 0.2 ◦C. During the ex-
periments the wall temperature remained close to Tw = 4 ◦C.

This experimental procedure, though not leading to the lo-
cal heat flux determination, permits the determination of the
average wall heat transfer coefficient, by the simultaneous mea-
surements of Tj , To, Tw and mass flow rate ṁg . The convective
heat flux Φ(R) on the circular plate of radius R has been exper-
imentally determined with:

Φ(R) = ṁgCp(Tj − To) (8)
The experimental average convective wall heat transfer coeffi-
cient was then determined by using:

h(R) = ṁgCp

πR2

Tj − To

Tj − Tw

(9)

NuT is then evaluated using (6), with the gas thermal con-
ductivity λg being evaluated at the average gas temperature
(Tj + To)/2.

3. Experimental results

For the average Nusselt numbers determination, we use the
experimental setup described previously (Fig. 1). Experimen-
tal results were obtained for various jet Reynolds numbers, for
2 � H/D � 6 and 2 � R/D � 10. The uncertainty on the aver-
age Nusselt number NuT due to errors on temperature measure-
ments, mass flow measurements, and thermal losses has been
investigated. The heat transfer experiments reported here were
repeated between three and ten times, depending on the relative
standard deviation of the experimental results. All the measured
values were within ±5% of the average value.

Fig. 2 shows the variation of the average Nusselt number
NuT with the R/D parameter, for H/D = 2 and 10 000 �
Rej � 30 000, with ±5% vertical error bars. The average Nus-
selt number NuT decreases with the Reynolds number, and NuT

decreases globally monotonously for R/D > 3 and for a given
Reynolds number.

Fig. 3 shows the dependence of the experimental average
Nusselt number NuT on H/D. The results are presented for
two intermediate values R/D = 4 and R/D = 6. We observe a
small dependence of NuT on the dimensionless nozzle-to-plate
distance H/D.

As the turbulence intensity of the jet can be a relevant pa-
rameter for the heat transfer efficiency, an experimental deter-
mination of this parameter at the nozzle exit has been carried
out. The turbulence intensity Tu, dependent on the chosen noz-
zle geometry (Fig. 1), is measured along the centerline of a free
jet, in absence of the enclosure and impinging plate. These mea-
surements have been carried out using a two components LDA

Fig. 2. Experimental average Nusselt number for H/D = 2 and various
Reynolds numbers.
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Fig. 3. Dependence of experimental average Nusselt number on H/D for
R/D = 4, R/D = 6 and various Reynolds numbers.

Fig. 4. Dependence of turbulence intensity Tu on jet Reynolds number, for D =
4.8 mm (R/D = 5), and various z.

system, for nozzle diameters ranging from 2.4 to 8 mm, corre-
sponding to R/D values between 3 and 10, and to z/D values
of 0.5, 2, 4 and 6. In this configuration, z is the distance be-
tween the jet nozzle exit and the measurement point along the
centerline of the free jet.

The following Fig. 4 shows the results obtained for the turbu-
lence intensity Tu as a function of the jet Reynolds number Rej ,
for a nozzle diameter of 4.8 mm (corresponding to R/D = 5),
and for various distances z between the nozzle exit and the mea-
surement point.

For a given jet Reynolds number, the turbulence intensity in
this free jet development configuration increases along the axis
with the distance from the nozzle exit. However, it is observed
that at short distances from the nozzle exit, the turbulence in-
tensity Tu does not depend on z, and is independent on the
jet Reynolds number. This result is confirmed with measure-
ments for nozzle diameters of 2.4 and 8 mm (corresponding
to R/D = 3 and R/D = 10). Turbulence intensity measured at
the nozzle exit (corresponding to z/D = 0.5) ranges between
4.3 and 7.3%, for the prescribed R/D values, and for Reynolds
numbers Rej varying from 10 000 to 30 000.
Thus, in this jet to plate heat transfer study, the turbulence
intensity at the nozzle exit can be considered as constant, only
depending on the nozzle geometrical characteristics, with no
dependence on both the jet Reynolds number and the geometri-
cal parameters R/D, H/D.

4. Correlation

In the current literature concerning the heat transfer to a
wall impinged by circular [6] or rectangular [7] jets, or to a
cylinder placed in a uniform flow [8], the dimensionless group
(Nu/Re1/2) is expressed as a function of the parameter Tu Re1/2,
in the form:

Nu/Re1/2 = α + β
(
Tu Re1/2) − γ

(
Tu Re1/2)2 (10)

where α, β and γ are specified constants.
In these studies, the artificially induced turbulence inten-

sity is obtained by modifying the upstream flow (using smooth
flow contraction, wire grids, . . .), while preserving the same
Reynolds number Rej . In our study, heat transfer measurements
were carried out with the same nozzle geometry, and LDA mea-
surements have shown that the nozzle outlet turbulence inten-
sity could be considered as constant on the whole range of the
studied parameters. Thus, the turbulence intensity at the nozzle
outlet Tu does not need to be introduced here as an independent
parameter.

Then, a correlation by least squares method of all experi-
mental results obtained at a constant wall temperature and for
varied jet impaction conditions (Rej , R/D, H/D) is proposed
in the form:

NuT ,exp = 0.0623Re0.8
j

[
1 − 0.168

(
R

D

)
+ 0.008

(
R

D

)2]

×
(

H

D

)−0.037

(11)

for 10 000 � Rej � 30 000, 3 � R/D � 10 and 2 � H/D � 6.
The correlation (11) based on our experimental results is

valid for 10 000 � Rej � 30 000, as shown in Fig. 5: the average
relative deviation of the experimental values to this correlation
(11) is 3%. For 3 � R/D � 10 a maximum deviation of 8% is
obtained. This deviation reaches 14% for values of R/D = 2
which shows the limitation of the Nusselt number correlation
for low R/D values.

5. Numerical approach

Many local wall Nusselt number correlations at a fixed radial
position, including the stagnation point, are available in the cur-
rent literature [1,9]. However, these results for jet impingement
heat transfer are obtained under constant wall heat flux con-
ditions. Recent studies [10] have shown that the heat transfer
simulation of this turbulent flow configuration is quite complex.
Indeed, the selected turbulence model has to be able to describe
the jet development, its impact, the laminar/turbulent transition
which takes place downstream the stagnation point, as well as
the boundary layer development along the plate. A compari-
son between the results obtained by using different turbulence
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Fig. 5. Experimental average heat transfer as a function of Reynolds number, for various geometrical parameters.
models [11,12] has shown that k–ε type models are not appro-
priated to determine the local wall Nusselt number for this kind
of flow configuration. Thus, this confrontation is extended in
the present work by using the Realisable k–ε, RNG k–ε, k–ω,
and SST k–ω turbulence models for the following conditions:
Rej = 23 000, H/D = 2 under constant heat flux conditions on
the impaction plate.

The determination of Nuϕ depends on the experimental eval-
uation of the adiabatic wall temperature Taw which seems to
be difficult [2]. Numerically, this procedure is replaced by a
simulation under adiabatic conditions to find in a first step the
adiabatic wall temperature Taw(r). The second step is a re-
calculation under prescribed flux ϕ which leads to the wall
temperature repartition Tw(r). Finally, the local heat transfer
coefficient is determined to derive the local wall Nusselt num-
ber distribution by using:

Nuϕ(r) = ϕD

λg(Tw(r) − Taw(r))
(12)

Based on available literature [2,3,13] the numerical and exper-
imental results are compared. A 2D axi-symmetric analysis of
fluid flow and heat transfer was carried out using CFD soft-
ware FLUENT 6.2. A rectangular mesh with grid adaptation
for y+ < 1 at adjacent wall region has been used to resolve
the laminar sub-layer. Dimensions used for the simulation are
those defined on Fig. 1 (PMMA cylindrical vessel of height
200 mm, and inner diameter Dv = 154 mm). The geometry
of the nozzle and of its supporting tube, which were described
previously (nozzle diameter and thickness, chamfer angle and
thickness, . . .), were taken into account in the grid definition,
which consisted in a total of around 55 000 rectangular cells.
Because of the large range of geometrical parameters (H/D,
R/D) utilised in this study, an automatic mesh generation pro-
cedure was used. The boundary conditions taken into account
in simulations were adiabatic wall conditions, except on the
impingement plate (48 mm diameter) with imposed temper-
ature (Tw = 4 ◦C). The inlet condition was an imposed mass
flow condition, with a flow rate adjusted according to the pre-
scribed Reynolds number, with an imposed temperature. The
turbulence intensity has been fixed at a constant value of 4%,
and the dissipation rate was calculated from the hydraulic diam-
eter associated with an established flow condition. Because of
the axi-symmetric 2D chosen configuration, the 33 mm diame-
ter outlet has been represented by an annular slot of equivalent
section, with a prescribed pressure condition.

This simulated flow is governed by compressible form of
the Reynolds-averaged Navier–Stokes (RANS) equations and
by the additional equations describing the transport of other
scalar properties, neglecting viscous dissipation in the energy
transport equation (15).

They may be written in Cartesian tensor notations as:

∂ρ

∂t
+ ∂

∂xi

(ρui) = 0 (13)

∂(ρui)

∂t
+ ∂(ρuiuj )

∂xj

= − ∂p

∂xi

+ ∂

∂xj

[
μ

(
∂ui

∂xj

+ ∂uj

∂xi

− 2

3
δij

∂ul

∂xl

)]

+ ∂

∂xj

(−ρu′
iu

′
j ) (14)

where μ is the gas dynamic viscosity. The dependence of μ

on temperature has been taken into account by utilisation of a
Sutherland law.

∂(ρes)

∂t
+ ∂

∂xi

[
ui(ρes + p)

] = ∂

∂xj

[
λeff

∂T

∂xi

]

with

es = hs − p

ρ
+ v2

2
(15)

Shear stress transport (SST) turbulence models combine the
advantages of the k–ε and k–ω models, with a blending func-
tion that activates the k–ε model in the core region of the flow,
and shifts to the k–ω model for the near-wall region treatment.
This model has been used for the simulation of flow situations
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Fig. 6. Local Nusselt numbers Nuϕ obtained with various turbulence models
compared to experimental literature results for Rej = 23 000 and H/D = 2.

where core and wall bounded regions need both to be modelled
with good accuracy, and gave satisfactory results [11,12].

The transport equations for SST k–ω are:

∂(ρk)

∂t
+ ∂(ρkui)

∂xi

= ∂

∂xj

(
Γk

∂k

∂xj

)
+ Gk − Yk (16)

∂(ρω)

∂t
+ ∂(ρωui)

∂xi

= ∂

∂xj

(
Γω

∂ω

∂xj

)
+ Gω − Yω + Dω (17)

In Eqs. (16) and (17), Gk represents the generation of the tur-
bulent kinetic energy k, due to mean velocity gradients, and Gω

represents the generation of the specific dissipation rate ω. Γk

and Γω represent the effective diffusivities of k and ω, respec-
tively. Yk and Yω represents the dissipation of k and ω due to
turbulence. Dω is a cross-diffusion term [14]. The effective con-
ductivity λeff = λ+λt in the energy conservation equation (15)
takes into account the turbulent thermal conductivity λt defined
as:

λt = cpμt

Prt

(18)

Previous studies [11,12] showed that the SST predicts well the
near-wall turbulence compared to other eddy viscosity models.
This is essential for an accurate prediction of the turbulent wall
heat transfer and the present confrontation confirms the quality
of the SST k–ω model for this kind of flow configuration. The
SST k–ω describes correctly the local Nusselt number distribu-
tion as found in imposed flux experiments by Fenot et al. [2],
Lee et al. [3], and Baughn et al. [13].

These experiments [2,3,13] were realised in the same con-
ditions with a jet issuing from a tube having a well established
velocity profile. Fig. 6 shows the good confrontation between
SST simulated and experimental literature Nusselt numbers at
the stagnation point and also for the prediction of the secondary
maximum position around r/D = 2. The Nusselt number de-
crease, obtained numerically for r/D > 3, is in good accor-
dance with the experimental data. Thus, this model has been
chosen for the following numerical impingement jet calcula-
tions.

In the available literature for smooth tubes, heat trans-
fer coefficient correlations are different for uniform heat flux
Fig. 7. Local Nusselt numbers distribution for Rej = 23 000 and H/D = 2.

and constant temperature boundary conditions [15]. The SST
k–ω turbulence model was applied to the reference case of
Rej = 23 000, H/D = 2 at a constant wall temperature. Nus-
selt numbers, Nuϕ at a uniform heat flux and NuT at a con-
stant temperature, are compared as shown in Fig. 7. The im-
posed flux value is taken as the average wall flux resulting
from the imposed temperature calculation, to get aerodynamic
and thermal conditions as close as possible for both calcula-
tions.

This confrontation shows that:

– The Nusselt number at the stagnation point does not depend
on the imposed wall thermal boundary condition.

– The second peak in the Nusselt number distribution is ob-
tained for the same value r/D = 2.2.

– The deviation between the local Nusselt numbers Nuϕ and
NuT increases for r/D > 3 (Nuϕ > NuT ).

To study the validity of the fixed temperature condition im-
posed on the impingement plate, coupled calculations were
realised, taking into account conduction within the aluminum
plate. In these calculations, the temperature was imposed on the
wetted lower face of the aluminum plate, in accordance with the
high forced flow rate of the cooling liquid, imposed by the cryo-
stat. As an example, for R/D = 5, H/D = 2, and Re = 23 000,
the difference between the average Nusselt numbers obtained at
a fixed impingement plate surface temperature, and for the cor-
responding coupled calculation is around 0.05%, showing that
the impinging surface can be considered at a uniform tempera-
ture.

In the chosen experimental configuration, the confinement
effects are limited by the ratio between the enclosure and im-
pingement plate diameters (see Discussion, paragraph 2). To
check the absence of confinement effects on heat transfer, a
calculation on the reference case (R/D = 5, H/D = 2, and
Re = 23 000) has been realised, by increasing the radius of the
enclosure diameter by a factor of 2. This calculation leads to
an average Nusselt number of 66.28, to be compared with a
value of 66.31 in the reference case. This corresponds to a rela-
tive variation of 0.05%. This numerical result confirms that the
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enclosure diameter chosen in the experimental set-up is large
enough to neglect any confinement effect on the mean heat
transfer. The provided correlation (11) is thus valid in the ab-
sence of enclosure.

6. Discussion

The experimental average Nusselt number variations as a
function of R/D are reported in Fig. 8, for the reference case
Rej = 23 000 and H/D = 2. Our measurements have been
obtained under temperature imposed conditions, and the cor-
responding numerical results, obtained with the SST k–ω tur-
bulence model, are also reported in Fig. 8.

The experimental results available in the literature are gen-
erally obtained with imposed flux boundary conditions, giving
the local Nusselt number repartition on the impingement plate
[2,3,13]. From these results, we have realised a spatial aver-
aging of the local Nusselt number distributions, using Eqs. (4)
and (5). Gao et al. [4] provided the average Nusselt number
distribution over a flat plate, and their results are reported in
Fig. 8 together with the other results from the literature. The
corresponding simulation was then carried out with imposed
flux conditions, and with the SST k–ω turbulence model. These
results are also reported in Fig. 8.

The confrontation of these experimental and numerical re-
sults obtained with both temperature and flux imposed condi-
tions shows that:

– The average Nusselt number Nuϕ is always higher than
NuT . For instance, for the reference case Rej = 23 000,
H/D = 2 and for R/D = 6 the average Nusselt numbers
are NuT = 52.4 and Nuϕ = 59.2, corresponding to a rela-
tive deviation of 13%.

– Simulations carried out with imposed flux conditions and
with the SST k–ω turbulence model show a good agree-
ment with Nuϕ values resulting from spatial averaging of
experimental measurements from the literature, for R/D

values starting from R/D = 2.
– In the same way, simulations carried out with temperature

imposed conditions are in good concordance with our ex-
perimental measurements. Within the R/D range of the
suggested correlation (11) (3 � R/D � 10), the average
relative deviation is 5%, with a maximum relative devia-
tion of 12%, obtained for R/D = 10.

All the experimental configurations have been simulated
with the SST k–ω turbulence model, for different Rej , R/D

and H/D values. The capacity of this turbulence model to de-
scribe correctly jet impingement heat transfer has been detailed
in paragraph 5. The numerical results are compared in Fig. 9
with the results provided by the experimental correlation (11).
The resulting average relative deviation is 7%.

In our experimental conditions, the turbulence intensity has
been found close to 4% (Fig. 4). The influence of the turbulence
intensity at the nozzle exit on the heat transfer was tested nu-
merically. We carried out simulations for R/D = 5, H/D = 2,
Fig. 8. Confrontation of experimental and numerical (SST k–ω model) average
Nusselt number for Rej = 23 000 and H/D = 2.

Fig. 9. Confrontation of average Nusselt numbers NuT between numerical val-
ues and the applied correlation (11) for different R/D, H/D and Rej .

H/D = 6, with Rej = 10 000, 15 000, 23 000 and 30 000. Var-
ious values of turbulence intensity at the tube inlet were tested
(2, 4, 6 and 8%) and the resulting turbulence intensity at the
nozzle exit has been found to vary between 3.5 and 12.5%.
Under these conditions, the relative variations of the average
Nusselt number do not exceed 0.5%. Thus, the proposed corre-
lation (11) is valid with an accuracy of 0.5%, whatever the value
of the turbulence intensity at the nozzle exit may be, varying be-
tween 3.5 and 12.5%.

The film heat transfer coefficient is directly influenced by
the temperature dependence of the gas viscosity. In some clas-
sical configurations of flow past thin flat plates, cylinders or
spheres, it is well recognised that the Nusselt number should
depend on the viscosity ratio (μ∞/μw)n, with n = 0.25 [15],
valid for 0.26 < μ∞/μw < 3.5. The corresponding correction
in pipe flow utilises a value of n = 0.14, with a viscosity ratio
based on the free stream and the wall temperatures [16]. The
resulting classical correction is expressed as:

Nu = (μ∞/μw)n (19)

Nu0



1618 B. Sagot et al. / International Journal of Thermal Sciences 47 (2008) 1610–1619
with Nu0 the Nusselt number obtained when the dependence
of viscosity on temperature can be neglected (μ∞/μw ∼ 1),
generally valid for low temperature differences between the free
stream and the wall. We thus seek a correlation written in the
form:

NuT = NuT ,0

(
μj

μw

)n

(20)

with NuT ,0 depending only on the geometrical parameters
and on the Reynolds number. In the experimental conditions,
μj/μw was close to 1.14. Thus, between our prescribed ex-
perimental conditions and for another gas-to-wall temperature
difference, we should have:

NuT = NuT ,exp
(μj/μw)n

(μj/μw)nexp
(21)

with NuT ,exp given by correlation (11).
To determine the value of n, a parametric study of the in-

fluence of the viscosity ratio μj/μw was realised numerically,
by minimisation by the least squares method on a large set of
simulations corresponding to the range of parameters 10 000 �
Rej � 30 000, 3 � R/D � 10, 2 � H/D � 6. The viscosity
ratio μj (Tj )/μw(Tw) has been varied between 1.1 and 1.4, cor-
responding to a temperature difference Tj −Tw , between the air
jet and the wall, ranging from 40 to 115 ◦C. For low tempera-
ture differences between the jet and the wall, the effects of gas
compressibility, which modify the local temperature distribu-
tion in the impact zone, have also an influence on heat transfer.
We have verified that the compression effects at the stagnation
point can be neglected, for a temperature difference Tj − Tw

higher than 30 ◦C.
For these ranges of parameters, a least-square minimisation

has lead to an optimal value of n = 1/4. This value ensures
a maximum relative deviation of 4% between the simulated
and the corrected Nusselt number NuT given by (21), with an
average deviation of 1%. However, this correction taking into
account the gas-to-wall temperature difference does not exceed
9% in our experimental measurements.

The proposed correlation, for constant wall temperature, can
then be written as:

NuT = 0.0603Re0.8
j

[
1 − 0.168

(
R

D

)
+ 0.008

(
R

D

)2]

×
(

H

D

)−0.037( μj

μw

)0.25

(22)

for 10 000 � Rej � 30 000, 3 � R/D � 10 and 2 � H/D � 6.

7. Conclusion

Heat transfer for a hot jet impinging on a cold circular
flat plate configuration has been investigated experimentally
at a constant wall temperature. Experimental measurements
were used to derive an average Nusselt number NuT correla-
tion in the jet Reynolds number range 10 000 � Rej � 30 000
and for various geometrical parameters 3 � R/D � 10 and
2 � H/D � 6.
Most of the experimental results available in the current lit-
erature have been obtained under constant wall heat flux con-
ditions. Thus, in a first step, a CFD study under imposed heat
flux boundary conditions has been carried out to validate a nu-
merical approach using various turbulence models. Local Nus-
selt number Nuϕ(r/D) distributions as given by the SST k–ω

turbulence model showed good agreement with the current lit-
erature for the reference case Rej = 23 000 and H/D = 2, for
predictions of both stagnation point Nusselt number and sec-
ondary maximum position of the radial Nusselt number distri-
bution.

This numerical modelling has then been applied at a con-
stant wall temperature and compared to our experimental cor-
relation (11) over the complete range 10 000 � Rej � 30 000,
3 � R/D � 10 and 2 � H/D � 6, leading to an average rela-
tive deviation of 7%, with a maximum relative deviation of 15%
obtained for low average Nusselt numbers.

Due to the boundary layer development along the wall past
the stagnation point, the gas-to-wall temperature difference in-
fluences the average Nusselt number, via the viscosity depen-
dence on temperature. This effect has been investigated with
the numerical model, and the experimental correlation can be
corrected by introducing a viscosity ratio (μj/μw)n. Then a
general correlation (22) has been proposed for jet impingement
heat transfer calculations at a uniform wall temperature, for
10 000 � Rej � 30 000, 3 � R/D � 10, 2 � H/D � 6 and
1.1 � μj/μw � 1.4. The average Nusselt number increases
with the jet Reynolds number, decreases with the plate radius
but has only a little dependency on both the nozzle-to-plate dis-
tance and gas-to-wall temperature difference.

It should be noted that the proposed correlation (22) can be
utilised for free impinging jet heat transfer calculation, as the
numerical results have confirmed that the enclosure diameter
chosen in the experimental set-up was large enough to neglect
any confinement effect on the mean heat transfer. This correla-
tion (22) is thus thought to be applicable in many engineering
configurations requiring the evaluation of impinging jet heat
transfer coefficients.
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